This paper describes a new approach to improve compressor efficiency by using 1D CAE and 3D CAE. First, a 1D simulation model of a reciprocating compressor is proposed and the compressor efficiency is analyzed. Then, heat flow in the compressor is analyzed using a 1D thermal network simulation model and the heat receiving process of the refrigerant gas is investigated. Next, gas flow in the compressor is evaluated using 3D CFD and an improved compressor with a new structure is proposed. Finally, the effect of the improved compressor is evaluated through experiments. Results demonstrated that the proposed approach is very effective in actual development.
Introduction
Improving the efficiency of refrigeration and air conditioning equipment can significantly contribute to a sustainable society based on energy saving. The key component in this type of equipment is the compressor, which consumes a large amount of energy. It is important to develop a compressor with high efficiency in order to reduce the energy consumption.
Thanks to recent advancements in technology, computer-aided engineering (CAE) is now being used in the development process of compressors. CAE consists of two techniques, 1D CAE and 3D CAE, that are used for different purposes in accordance with the goal. 1D CAE is the one-dimensional simulation such as lumped constant model. 3D CAE is the three-dimensional simulation such as computational fluid dynamics (CFD) which utilize 3D simulation model. Damle et al. (2011) presented a 1D simulation model for a reciprocating compressor and compared the numerical and experimental results. Roskosch et al. (2017) introduced a differential compressor model and evaluated the prediction errors of this model, which was used to predict compressor performance for several refrigerant gases. Negrao et al. (2011) presented a semi-empirical mathematical model to simulate the unsteady behavior of a reciprocating compressor in refrigerators. In this model, a simplified compressor model based on thermodynamic equations was used. Dhar et al. (2016) presented a 3D CFD transient model of a reciprocating compressor that simulated the suction and discharge motion of valves. Posch et al. (2017) presented a 3D thermal model of a reciprocating compressor that considers oil distribution using CFD software. In this model, the oil jet flow in the compressor shell and the temperature fields of the compressor were predicted by using a VOF method. Posch et al. (2017) presented a 3D-elastohydrodynamic (EHD) simulation model of a reciprocating compressor that models journal bearings and piston dynamics for analyzing mechanical losses. These 3D simulations were helpful for detailed analysis, but they required a lot of time for the calculation. It is difficult to predict compressor efficiency using only 3D CAE because it will include complicated multiphysics phenomena. Any calculation of this type demands an enormous amount of time.
Recently, there have been reports of using both 1D and 3D simulations in combination. Ramchandran et al. (2018) presented an integrated 1D/3D modeling approach for a swashplate compressor. This simulation model combines a 1D Nagata and Nagao, Mechanical Engineering Journal, Vol.6, No.5 (2019) [DOI: 10.1299/mej. flow model with a 3D multi-body dynamics model, with the primary objective of shortening the computation time. This 1D flow model was compared with a 3D flow model by Oliveira et al. (2014) . These reports focused on constructing the calculation model for efficient development of products. But an effective approach to improve the compressor efficiency is not proposed in these reports. It is important to suggest a concrete method of utilizing 1D and 3D simulations for improving the compressor efficiency to show the effectiveness of this method in actual development process.
To reduce development time and thereby improve responsiveness to the market, it is important to choose the simulation method that best matches the intended purpose. However, there are few cases of applying both 1D and 3D CAE to actual development for improving compressor efficiency in previous studies.
In this study, we proposed a new approach to improve the efficiency of a compressor for refrigerator by using 1D CAE and 3D CAE in combination. First, we performed loss analysis using a 1D simulation model and evaluated the compressor efficiency. Then, heat flow in the compressor was analyzed using a 1D thermal network simulation model and we investigated the heat receiving process of the refrigerant gas. Next, the gas flow around a suction silencer was evaluated using 3D CFD analysis and we designed a new structure for the silencer to improve the efficiency. Finally, we evaluated the improvement effect of the proposed compressor with the new silencer through experiments. Results demonstrated that the approach proposed here for improving the compressor efficiency is very effective in actual development.
Loss analysis of compressor 2.1 1D simulation model
To improve the compressor efficiency, we first need to clarify what causes compressor loss. Compressor loss can be classified into motor loss, mechanical loss, and thermal fluid loss. Motor loss is the electrical loss in the motor. The simulation model is composed of a motor system and a compression system. The motor system includes a three-phase motor model and a motor control model. Nagata and Nagao, Mechanical Engineering Journal, Vol.6, No.5 (2019) [DOI: 10.1299/mej.19-00120]
Mechanical loss is the friction loss at sliding surfaces. Thermal fluid loss is caused by the behavior of refrigerant gas, including the heat receiving phenomenon of refrigerant gas in the compressor, the pressure loss at the suction and discharge valves, and the leakage through the clearance between the piston and cylinder.
There are two methods to analyze compressor efficiency. The first is the experimental method. Typically, a performance test with a refrigeration circuit is used to measure the refrigeration capacity (ISO 917). The pressure-volume indicator diagram measurement test is also used to determine the indicated power (including pressure loss). The other method is the calculation method. In this study, we analyzed compressor efficiency using 1D simulation model. This simulation model is composed of motor system model, mechanical dynamics calculation model, fluid dynamics calculation model and tribology dynamics calculation model. The compressor model and simulation diagram are shown in Fig.1 . The flow path of refrigerant gas is modeled as a connection system of vessels and pipes ( Fig. 1 (c) ). In the vessel model, the mass of gas and internal energy is calculated using the conservation laws of mass and energy:
(1)
( 2) where Gg is the mass of gas in the vessel, dGgin / dt is the mass flow rate of inlet gas, dGgout / dt is the mass flow rate of outlet gas, u is the internal energy of gas in the vessel, hgin is the enthalpy of inlet gas, hgout is the enthalpy of outlet gas, P is the pressure in the vessel, V is the volume of the vessel, Kb is the heat transfer coefficient of the wall of the vessel, Aw is the heat transfer area, Tg is the temperature of gas, and Tw is the temperature of the wall. In the pipe model, the velocity of gas is calculated with the nozzle equation:
where ṁ is the mass flow rate of gas, CL is the flow coefficient,  is the adiabatic index, R is the gas constant, Tn is the gas temperature, Pin is the gas pressure in the upstream vessel, and Pout is the gas pressure in the downstream vessel. Boundary conditions of the flow dynamics calculation are set in the suction pipe and the discharge pipe as the constant pressure condition. Suction and discharge valve were modeled as the mass-spring-damper model. The spring constant of valve was estimated by the measurement of valve motion experiment by Nagata et al. (2010) .
This calculation model does not include heat conduction or transfer models so as to save on calculation time. The time scale of the heat phenomenon is larger than that of flow dynamics and mechanical dynamics, so to obtain a converged solution in the thermal equilibrium state, more time is required than without the heat dynamics model. In this study, the calculation model uses experimental values of temperature such as cylinder inlet gas and the temperature of various structures.
In the tribology dynamics calculation, friction loss at sliding surfaces is calculated. The reciprocating compressor has five sliding surfaces: the piston surface, the small end of the connecting rod, the large end of the connecting rod, the radial bearing of the crankshaft, and the thrust bearing of the crankshaft. The friction model of these sliding surfaces is shown in Table 1 . The motion of the piston and the small end of the connecting rod are reciprocating (swing) motion that has a zero-velocity point. At this point, sliding velocity becomes zero and the lubrication condition is very bad due to the poor capacity of oil film formation. At the severe condition like a boundary lubrication, frictional coefficient approaches a saturation value. The saturation of frictional coefficient at the small end of the connecting rod was also showed with the experimental test by Nagata and Suzuki (2018) . In the condition of actual compressor operation, frictional coefficient is almost constant. According to this result, friction model can be approximated to the Coulomb friction model. In this calculation model, we adopt the Coulomb friction model to the piston surface and the small end of the connecting rod. The friction coefficient is determined by element friction tests. Nagata and Nagao, Mechanical Engineering Journal, Vol.6, No.5 (2019) [DOI: 10.1299/mej.19-00120]
The sliding motion of the large end of the connecting rod and the radial bearing of the crankshaft create a rotational motion that can be described as the radial bearing theory. In this model, we use the successive approximation solution of the short journal bearing theory developed by Dubois and Ocvirk (1953) . Friction coefficient fj is defined by (4) where rj is the radius of the bearing, cj is the clearance of the bearing, So is the Sommerfeld number, and Cf is the correction factor, which is defined by (5) where  is the eccentricity of the bearing and Fh and Fv are dimensionless numbers of the load capacity. The mixed lubrication model is constructed using the theory developed by Sota (1980) . In this model, a load to the bearing is supported by an oil film pressure and solid contact of the sliding surface.
A ball bearing is used as the thrust bearing of the crankshaft. A friction model of this bearing in the calculation is an empirical model obtained by element friction tests.
Sliding surface
Sliding type Calculation model 
Loss analysis
To validate the calculation model, we compared the experimental data with the calculation data, as shown in Fig. 2 . In this test, the discharge pressure and the suction pressure were set for a constant value. The pressure ratio of the discharge pressure and the suction pressure was set to 8.0. The refrigeration capacity was changed by the rotational speed of the motor. Figure 2 (a) shows the relation between refrigeration capacity and compressor input. The black line of the calculation data overlaps with the gray line of the experimental data. Relative differences between the calculation results and the experimental results in the compressor input at the same refrigeration capacity were below 4.5%. The calculations led to mean prediction errors of 2.3% for the compressor input.
The compressor efficiency is defined as the ratio of the ideal isentropic compression work and the actual compression work (compressor input). The difference between the actual compression work and the ideal isentropic compression work is compressor loss. This compressor efficiency is proportional to the value of the refrigeration capacity divided by the compressor input. This value is called the coefficient of performance (COP) and is represented by the inversed value of the inclination of the line in Fig. 2 (a). Figure 2 (b) shows the characteristic curve of the compressor efficiency. The compressor efficiency was normalized with the efficiency at a particular capacity. At low refrigeration capacity condition, lubrication condition becomes severe and the gas leakage from the clearance of the cylinder became larger because the speed of sliding surface becomes slow and the time span of compression becomes larger in low rotational speed of the motor. On the other hand, pressure loss of discharge and suction becomes larger at high refrigeration capacity condition. Therefore, the compressor efficiency has a peak value at the specific refrigeration capacity. Table 1 Tribology calculation model. Nagata and Nagao, Mechanical Engineering Journal, Vol.6, No.5 (2019) [DOI: 10.1299/mej.19-00120]
The result shows that the compressor efficiency of the calculation was lower than that of the experiment in a low refrigeration capacity area. One of the reasons for this difference in the results is the lubrication model of journal bearings that was used. In the calculation model, bearings are treated as a rigid body, but in reality, bearings are in an elastohydrodynamic lubrication (EHL) state at low rotation speed or high bearing load. In this state, bearings are deformed by high oil film pressure, and the friction coefficient is very low. As a result, friction loss in the low rotation speed (low refrigeration capacity area) of the calculation was larger than the experimental results, and compressor efficiency in the low refrigeration capacity area of the calculation was lower than the experimental results. Even so, the qualitative trend of the compressor efficiency in the calculations corresponds reasonably well with the experimental result. The peak efficiency of the compressor was obtained at the refrigeration capacity of around 80 W in both the calculation and experimental results.
The required accuracy of calculations is different depending on the purpose. Just an agreement of the qualitative trend of the efficiency is enough for analyzing the compressor loss roughly. This 1D simulation model is useful for rough loss analysis and transient behavior analysis, but it cannot reveal detailed phenomena such as the two-phase flow of gas and liquid. In this study, we used this simulation result only for analyzing the volumetric loss.
Volumetric loss is a loss caused by the mass flow reduction of refrigerant gas. A dead volume in the cylinder, such as the clearance volume between the cylinder head and the piston at top dead center, does not contribute to the refrigeration capacity. Leakage of refrigerant gas from the radial clearance between the cylinder and the piston is what decreases the refrigeration capacity. Heat receiving of refrigerant gas also decreases the refrigeration capacity because In the low refrigeration capacity, compressor efficiency of the calculation was lower than that of the experiment. In this test, pressure ratio was set to 8.0. Fig. 3 Calculation results of volumetric loss ratio at several rotation speeds. Volumetric loss ratio is the ratio of an invalid volume that results in the loss of refrigeration capacity to the swept volume of the compressor. Nagata and Nagao, Mechanical Engineering Journal, Vol.6, No.5 (2019) [DOI: 10.1299/mej.19-00120] the density reduction of refrigerant gas with temperature increase causes mass flow reduction. In the compressor chamber, refrigerant gas receives heat from the mechanical parts such as the cylinder and the motor. These parts are heated by compression gas and the energy loss such as the friction and electrical loss. Figure 3 shows the volumetric loss ratio calculated with the proposed simulation model. This volumetric loss ratio is the ratio of volume that does not contribute to the refrigeration capacity to the swept volume of the compressor. The cause of volumetric loss can be classified into dead volume, heat receiving and leakage. Dead volume is the space in the cylinder such as the piston top clearance. Gas in this space do not discharge to the refrigeration cycle. Heat receiving is the loss caused by reduction of gas density in the cylinder with the rise in temperature. Reduction of gas density result in decrease of mass flow rate of gas in refrigeration cycle. Leakage is the gas leakage from the clearance of the cylinder. In this study, these losses were calculated as the loss of mass flow of refrigerant gas.
As shown in Fig.3 , as the rotation speed slowed down, the volumetric loss ratio increased, since the gas leakage became larger. A main cause of the volumetric loss was the heat receiving. About 10% of the swept volume was wasted by heat receiving. This clarifies that it is important to reduce the heat receiving of the gas in order to improve the compressor efficiency.
Thermal analysis using 1D simulation 3.1 Simulation model
To reduce the heat receiving of the gas, it is first necessary to determine the heat flow in the compressor. In the previous 1D simulation model for loss analysis (chapter 2), the temperature of the gas at the inlet of the cylinder was an experimental value. For analyzing the heat receiving phenomenon of refrigerant gas, we constructed a 1D heat flow simulation model featuring a thermal network (Fig. 4) .
In this thermal network model, the compressor model consists of a refrigerant gas flow model, a lubricant oil flow model, and a structure model. These calculation models were governed by the following energy conservation equation:
where Ci is a specific heat, Mi is a mass, Ti is a temperature, Qi is a receiving heat quantity, and rij is a thermal resistance. The heat sources of this system are compression power, motor loss, and friction loss, and they come from the input power of the compressor. Their values are calculated by the 1D simulation model discussed in chapter 2.
Thermal resistances r of this model are determined by the average heat transfer coefficient h, the thermal conductivity , and the heat transfer area A. At the solid wall, a thermal resistance r is defined by
where t is a thickness of the wall. The thermal conductivity  is a physical property value. A thermal resistance r on the surface of the structure is defined by (8) where h is an average heat transfer coefficient defined by 
where Nu is an average Nusselt number and L * is a length of the element. The average Nusselt number is determined as the condition of heat transfer. Gas flow and oil flow in the chamber is very complicated because lubricant oil was distributed from the crank shaft. Distributed oil become oil mist in the chamber and oil film on the wall of structures in Nagata and Nagao, Mechanical Engineering Journal, Vol.6, No.5 (2019) [DOI: 10.1299/mej.19-00120] the chamber. It is difficult to understand all of this phenomenon related to the heat transfer. In this study, heat transfer between gas and oil was not considered and heat transfer area for gas and oil are distinguished clearly for simplification. The surface wetted with the distributed oil flow is defined as the heat transfer area for oil. The surface not contacted directly to the oil flow is defined as the heat transfer area for gas. Refrigerant gas flow in the chamber contains laminar flow and turbulent flow. On the other hand, lubricant oil flow on the solid surface is laminar flow. The average Nusselt number is determined according to this flow condition. For example, the average Nusselt number of the laminar flow as the oil flow in the cylindrical tube like the oil groove on the crank shaft ( Fig.1 (a) ) is approximated by
where Re is a Reynolds number, Pr is a Prandtl number, d * is a hydraulic diameter of groove and L is the length of the groove for flow direction (Shah et al. 1978) . In this case, the representative length for Re and the element length L * in Eq.(9) are hydraulic diameter d * . the compressor chamber and the suction pipe that is connected to the evaporator in the refrigeration cycle. The temperature of the gas from the suction pipe is determined by the operation condition of the refrigeration cycle. In this calculation, the temperature of the gas from the suction pipe was set to 32°C. The gas in the compressor chamber receives heat from various parts of the compressor such as the cylinder and the motor. The silencer inlet gas is mixed gas comprising the low temperature gas from the suction pipe and the high temperature gas from the compressor chamber. Oil Inlet duct Nagata and Nagao, Mechanical Engineering Journal, Vol.6, No.5 (2019) [DOI: 10.1299/mej.19-00120]
Evaluation of suction gas temperature
Predicting the temperature of this mixed gas is important in terms of analyzing the heat receiving loss of the compressor. The calculation results of the silencer inlet gas showed good agreement with the experimental results below the speed of 180 rad/s. In the tested rotation speeds, differences between calculation and experimental results were below 4K. The temperature of the silencer outlet gas was higher than that of the silencer inlet gas because the suction gas was heated by the wall of the suction silencer, which received the heat from the cylinder. The experiment results were higher than the calculation results by about 2 to 5K. These results mean that the received heat quantity of the gas from the silencer wall was larger than expected from the calculation. Figure 5(c) and (d) shows the temperature of the chamber wall and the lubrication oil in the chamber. The calculation results of the chamber wall temperature showed good agreement with the experimental results. As for the oil temperature, differences between calculation and experimental results were below 3K.
These results indicate that our simulation model can predict the thermal phenomenon qualitatively and that the calculation result is useful for simple evaluation of the heat flow in a compressor.
The calculation results of the temperature of the silencer inlet gas were 9K higher than those of the suction pipe gas. This gas heating phenomenon is due to the gas mixing process used during the silencer suction process, as previously mentioned. As shown in Fig. 4 , silencer inlet gas flow consists of suction pipe gas flow and chamber gas. Figure 6(a) shows the schematic view of gas flow around the silencer inlet component in the compressor chamber. In this simulation model, the ratio of mass flow from the suction pipe to the total mass flow in silencer inlet is defined as suction efficiency a which is determined by the geometry of the suction pipe and silencer inlet shape. In the calculation shown in Fig. 5 , suction efficiency a was set to constant value 0.3. This value was determined by 3D CFD simulation (described later), as it is difficult to treat the effect of the 3D shape of the silencer inlet using only 1D simulation.
Suction efficiency a is also affected by the velocity of suction gas. In this study, suction efficiency a was adopted the constant value with the representative operation condition for simplification. The compressor was used in this representative operation condition mainly in the refrigerator.
To analyze the effect of the suction efficiency a, calculation results at different values of a are shown in Fig. 6(b) . The temperature of the cylinder inlet gas decreased as the suction efficiency a increased. This calculation result demonstrates that improvement of the suction efficiency can decrease the volumetric loss caused by heat receiving in the suction process. But it is need to consider the characteristic of motor efficiency depending on surrounding temperature for improving compressor efficiency. Improvement of the suction efficiency cause the rise of gas temperature in the chamber and motor temperature.
Improvement of suction efficiency using 3D simulation 4.1 Simulation model
To analyze the relation between the shape of the silencer inlet and the suction efficiency a, 3D CFD simulation was performed. A simplified model was used as the calculation model (Fig. 7 ). In this model, components such as piston, crankshaft, and rotor have been removed because they have little effect on the refrigerant suction flow around the silencer inlet. The silencer is composed of multiple resonance chambers for sound attenuation. The inlet duct of this silencer is located opposite to the suction pipe, which is connected to the compressor chamber. The outlet duct is connected to the cylinder. Refrigerant gas flows into the compressor chamber from the suction pipe and is suctioned into the cylinder through the silencer. This calculation model does not include a compression and discharge model because the simulation focus is limited to the suction process for analyzing the suction efficiency a.
The boundary conditions and initial conditions of this calculation are listed in Table 2 . A constant pressure value was set at the upper stream point of the suction pipe as the inlet boundary condition. This pressure is determined as the suction pressure of the compressor. The outlet boundary condition is determined as the mass flow rate at the outlet duct of the silencer. The calculated mass flow rate of the 1D simulation mentioned in chapter 2 is used as this outlet boundary condition. The temperature of the walls of the suction pipe, silencer, chamber, motor, and cylinder were used as constant values, which is the experimental measured value. The initial gas temperature was set to the experimental value. The initial pressure in the chamber was set as suction pressure. The commercial CFD simulation software ANSYS (ver. 14.0) was used to conduct the thermal fluid analyses. Nagata and Nagao, Mechanical Engineering Journal, Vol.6, No.5 (2019) 
Simulation results
For evaluating the temperature of suction gas, we used the average gas temperature of the inlet and outlet in the defined area, which is shown in Fig. 8(a) . Mass flow rate of the silencer outlet was set as the boundary condition, as shown in Fig. 8 (b) . In this calculation, cycle time of the compressor was set to 0.05 s. The suction process was set at the latter half of this cycle. Mass flow rate rises when the suction valve opens at 0.03 s and pulsates as a vibration of the suction valve.
The calculation results are shown in Fig. 8, where (c) and (d) show the average gas temperature of the inlet area and the outlet area, respectively. The outlet gas temperature was higher than the inlet gas temperature because the wall of the silencer heats gas flow in the silencer. The inlet gas temperature fluctuated during the suction process due to excitation by gas flow in the silencer. In contrast, the outlet gas temperature had less fluctuation. Fluctuation of gas temperature became small as the inlet gas mixed with the hot gas in the silencer. Figure 9 shows a contour map of the gas temperature around the silencer inlet duct in the suction process. At the start of the suction process (0.03 s), the gas temperature around the silencer inlet duct was about 50°C. As the cylinder suctioned the gas through the silencer, cold gas flowed into the chamber from the suction pipe and the silencer suctioned it with the hot gas in the chamber. The reason the temperature of the silencer inlet gas rose at the beginning of the suction process is that the silencer suctioned the hot gas around the inlet duct. After that, the gas temperature of the silencer inlet decreased to 43°C because the silencer suctioned a mixed gas comprising hot gas in the chamber and cold gas from the suction pipe.
As shown in Fig. 9 , a lot of hot gas around the inlet duct was suctioned with the cold gas from the suction pipe, and this phenomenon of hot gas intake resulted in the decrease of suction efficiency a. To evaluate suction efficiency a, the Table 2 Boundary conditions and initial setting values. Nagata and Nagao, Mechanical Engineering Journal, Vol.6, No.5 (2019) 
where Tave is the averaged suction gas temperature of the silencer, Tpipe is the temperature of the gas at the outlet of the suction pipe, and Tchamber is the temperature of the gas in the chamber. This averaged suction gas temperature is also defined using the temperature of the silencer inlet gas shown in Fig. 8(c) , as
where Tinlet is the temperature of the silencer inlet gas and q is the mass flow rate at the silencer inlet (shown in Fig. 8(a) ). Using this equation, Tave can be calculated from Tinlet and q, which are obtained from the simulation result shown in Fig.   8 . Then, the suction efficiency a can be calculated from Eq. (11). Nagata and Nagao, Mechanical Engineering Journal, Vol.6, No.5 (2019) In the case of this conventional structure of the silencer, Tpipe was 33.3°C, Tchamber was 50.0°C, and Tave was 45.1°C.
The suction efficiency a was 0.29, which was calculated from Eq. (11). This value depends on the structure of the inlet duct of the silencer. The volumetric efficiency will be improved with the improvement of the suction efficiency by decreasing the averaged suction gas temperature.
To prevent the intake of hot gas to the silencer, it is better to connect the suction pipe to the inlet duct of the silencer. However, this connection structure will transmit the vibration of the cylinder to the chamber with the suction pipe and make the noise vibration characteristics of the compressor worse. For insulating the vibration of the cylinder, we need to keep a gap between the silencer and the chamber.
Therefore, we propose a new type of silencer featuring an accumulator located at the inlet, as shown in Fig. 10(a) . This accumulator has an intake port for suctioning cold gas from the suction pipe. The inner volume of the accumulator keeps the cold gas and prevents the mixing of cold and hot gas in the chamber. Figure 10(b) and (c) shows the calculation results of the silencer inlet gas temperature and the silencer outlet gas temperature. Gas temperature of the new type was lower than that of the conventional type. The fluctuation of inlet gas temperature at the suction process became smaller with the new type and lower than the conventional type. The accumulator prevented the hot gas intake to the inner volume of the silencer, thus resulting in these phenomena. Figure 11 shows the suction refrigerant flow around the accumulator. Compared to the conventional type shown in Fig. 9 , the new type was able to catch the cold gas from the suction pipe efficiently because the wall of the accumulator prevents intake gas from overflowing to the outer space of the silencer. This wall of the accumulator around the intake port also prevents the hot gas in the chamber from intruding into the silencer.
The averaged suction gas temperature Tave defined as Eq. (12) and the suction efficiency a are shown in Table 3 . In this table, Tave is labeled as "Inlet temperature". "Outlet temperature" is the averaged gas temperature at the silencer outlet shown in Fig. 8(a) . This averaged gas temperature was calculated using the same approach as "Inlet temperature" in Eq. (12). The suction efficiency of the accumulator type was 0.64, which is higher than that of the conventional type. The Inlet duct outlet temperature of the accumulator was 45.1°C, which is lower than that of the conventional type by about 2K. These calculation results mean that the volumetric loss of the compressor by heat receiving can be reduced by using the accumulator type silencer because this silencer can inhale the low temperature gas from the suction pipe more efficiently than the conventional type.
(a) New type silencer (b) Temperature of silencer inlet gas (c) Temperature of silencer outlet gas Fig. 10 (a) Schematic view of the proposed silencer with an accumulator and (b)(c) the calculation results. The accumulator supports the suction of cold gas from the suction pipe and prevents the mixture of hot gas in the chamber. As a result, gas flow temperature in the silencer was reduced. 
Experiments
To validate the calculation results shown in chapter 4, we measured the gas temperature in the compressor with the new type silencer. The compressor test was set to the same conditions as the calculation. In this experiment, the gas temperature at the silencer inlet and outlet was measured by thermocouples and the compressor efficiency was calculated from the experimental data of the compressor input power and refrigeration capacity in the compressor performance test. Figure 12 (a) and (b) show the comparison of the calculation and experimental results of gas temperature. Differences between the two results were below 3K. To measure the gas temperature in the duct of the silencer, the thermocouples were inserted through the silencer wall. Due to the effect of the heat conduction from the silencer wall, experimental temperature data tended to be higher than calculation data. However, the reduction effect of the gas temperature in the silencer by adopting the accumulator was confirmed in the experimental results. Specifically, using the accumulator, the outlet gas temperature decreased about 3K in this experiment. Figure 12 (c) shows the compressor efficiency improvement ratio of the compressor with the new type silencer. The Fig. 11 Suction refrigerant flow around the accumulator. The accumulator keeps the gas temperature in the silencer at a low level and prevents the intake of hot gas from the chamber space.
Suction pipe
Accumulator Suction pipe Accumulator Intake port Table 3 Comparison of suction efficiency between conventional type and new type.
improvement effect can be estimated from the change ratio of the refrigerant gas density, which is correlated to the gas temperature, since the refrigeration capacity is closely proportional to the gas density. It was confirmed that estimated value from measured gas temperature is consistent with the experimental value in the compressor performance test with a refrigeration circuit using calorimeter. This result also shows that the influence of the increase of motor loss by temperature rising in the chamber is very small. The results of this experiment show that the new type silencer improves the compressor efficiency by reducing the volumetric loss caused by heat receiving.
Conclusion
In this study, we proposed a new approach to improve compressor efficiency by using 1D CAE and 3D CAE. We analyzed compressor efficiency and heat flow in a compressor using 1D CAE and then proposed a new type of silencer featuring an accumulator using 3D CAE. The efficiency of this new type of silencer was demonstrated through experiments. Results showed that the proposed approach is very effective in actual development. 
